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Study on the Applicability of Influence Coefficient Method Combined
with Vector Analysis in Dynamic Balancing
Rigid Rotor Using Flexible Supports

Lam Tran Thanh, Ngon Dang Thien, Cuong Le Cha

Abstract = Dyramic balance using flevible supports is one of the
camarnly  applied  selutions to determvine  the  posifion and
wnbalanced wrazs i rofers. However, dynamic balance wsing
Mexible supparts are being determined experimentally, resulting
in few accarecy and leay colibrafion Sere This paper presemis
sowre research reswlts when applying the influence coefficient
methed te combine vector bysiv fusing balaoced method on
individnal planes and trial mas). To verify experimentally the
theeory, HMOTS8] sensors are attoched of the suppents fo seasure
vibration induced displacement, an encoder 2048 PPR iv wxed fo
determine the poxition (phase angle @ and o DSPICIOFS00T
mricrocowiraller i eguipped fo recefve signed were ased. The
mregsured reslts were altoined by the Fasi Fonrier Trapsform
(FFT) combined with numerical analysis, including phase angle
@ and wmbafance masy L.

Keywords:  dynmmic  balonce  machine;  flevible  supports;
infinence coefficiemt method; foxt fowrfer trongform; phose oegle;
wrrhalance mrxs.

I INTRODUCTION

Dynamic balancing is a common method wsed to
determine  the unbalance of rotary components such as
rotors, turbines, propellers, pumps and reduce the vibration
during the operation of the equipment. Currently the
dynamic balance sysiems for rotor incledes rigid and
flexible supporis, in which the advantage of the flexible
supports balance system is that it can balance the rotors at
low speed [ 1, 2].

Drynamic balance system wsing flexible supports are
based on experience and experiment having low accuracy as
well as timely for calibration. In order to improve the
accuracy of dynamic balance using flexible supports, some
rescarches have been done [3 - 5]

Thiz paper proposes a solution 1o improve accuracy of
dynamic balance using flexible supporis by applying the
influcnce coefficients method [6, 7] combined with vector
analysis. The position values (phase angle @) and unbalance
I (U = mur) are determined on individual planes.
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Figure |. Primciple of flecibde suypports Balaecing macking
II. EXPERIMENT MODELIMNG

Figure 2 shows a rotor model, detecting the unbalance by
converting the unbalance U to Uy, Uy on two corresponding
reference planes 1 and I near two supports. Thence, the
sample rotor used for experiment is shown in Figure 3.
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Figure 3. DNesensdon af sampde rotor

Here, the plane 1 (near support A) and planc 11 (mwear
suppart B) are chosen being the two reference plancs, The
unbalance U will be converted on these two planes. Let us
consider the side wiew of the reference plan in Figure 4,
where the unbalance is converted into a heavy spod with
mass Mgy, radius Ry, and phase angle g.
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An experiment model for determining the unbalance on
the disks was built as in Fig. 5, in which the disks have
diameter D, = 200mm and thickness B of 10mm, at the
heavy spot with a mass mg, of 25z, @ = 45" and radius By of
28mm. The balancing machine model consists of the
following main components: a platform (for vibration and
resonance resistance), a coupling, two flexible supports, two
HMC-1501 sensors to measure vibration displacements, a
position encoder {to measure the phase angle), a signal card
using DSPIC30F4011 microcontroller, an electric control
box (motor and speed control circuit) connected to a
compuicr [8].

Figare 3. Dhvwamsie balamcing mode! wsing fexibe mpports
1. VIBRATION SIGNAL PROCESSING ANALYSIS

We have the displacement of the oscillation at the
supports as a periodic function over time:
x(ry= Xsin(ex + )
where X is oscillation amplitede, @ is angular velocity of
rotor (radfsh, and @ is initial phase angle.

Using the digital signal processing method [9], we obtain
the raw vibration zignal from support A is of the form, as
shown in Figure 6.

I
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Figure 6. Fifwarion signa o support A By time domaln
By using Fast Fouricr Transform (FFT) to convert the
vibration signal from the time domain to the frequency
domain, we obtain the profile signal of support
displacement, as shown in Figure 7.
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Figure T. Fibwarion signal of suppores A4 by Fequency domair

From Figure 7, it is found that the harmonic spectrum at
frequency £= 16.67 Hz, comesponding to the velocity of =
104.87 radis or n= 10400 rpm. Therefore, in the signal filter,
wi will use a low pass filier with cut-off frequency £ = 20
Hz. Then, the signal passing through the filter with four
successive cyeles is shown in Figure &
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Figure & The witial vibration sigma wias processed ar suppart A Iy tme
il

IV. EXPERIMENT RESULT
A, Determination of the phase aigle @

By svnchronizing the vibration signals (from sensors)
and phase angle signals (from encoder) in real-time, we can
determine the position (phase angle @) as shown in Figure 9.

X9
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Figure 9. Determine the smbalanced phase angle ar plane 1 with @ = 43°
B. Determination of the unhalance U

The system is supposed to be lincar and X, is the
amplitude of oscillation due to heavy spot. Adding trial mass
mr at a distance ry, the amplitude X, due to the trial mass
and the heavy spot can be measured. Then, we determine the
amount of unbalance U by the influence coefficient a at
support A as follows [10]:

Xy X

"
e S eE

where a is the influence coefficient at support A, given by

X = X,
-—_—
m

a

Using the vector analysis method with 3-test run to
verify the parameters U and ¢, we have the following
results:

- At the three points A, B, and C, at 120° each other, as
shown in Fig. 3, we attach my=20g, R, = 88mm and
calculate @ and U as shown in Table 1.

TABLE 1. THE RESULTS ARE MEASURED IN 3.POINT METHOD
Plan 1 Plan 1T
Serial
Phase | Amplitude | Phase | Amplitude
Number
angle Xz angle -
Initial o0 1 00 P !
Point A » 23.18 " 9.14
Point B ® 19.74 B 7.13
Point C - 17.80 = 843
Result 41° 2

Applied [11], we determine phase angle ¢ by 3-test run
on individual planes (plan I) in Fig. 10, received result is
p=41°%

Figure 10. Diagram for desermining phase angle @ using 3-point
method in plane 1

- The weight of the unbalance is calculated by the
following vector analysis formula [11]:

o5 11
= —m 20, ——m 20.
A i P 19.7

Figure |1, Dywamic balancing machoe
V. CONCLUSION

The following conclusions were made:

Using Low-pass Filter with cut-off frequency f, =20
Hz has proven the choice of magnetic sensor
HMCI1501 for oscillation measurement in this
method is fundamental.

The experiments showed that the application of the
influence coefficient method combined with vector
analysis allows to quickly determine the position
(phase angle @) and the unbalance U. This method is
also suitable for developing a software that
determine the unbalance in real time instead of
manual calculations methods.

The cxperimental results also showed that the
influence coefficients method combining the vector
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analysis more accurately than the wvector-based
analysis method on three points A, B and C.
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NGHIEN CUU, CHE TAO, THU'C NGHIEM MO HiNH ROTOR TRUC MEM
RESEARCH. MANUFACTURE. EXPERIMENT ON FLEXIBLE ROTOR MODEL

Trin Thanh Lam, Bing Thién Ngin, Lé Chi Curong
Freegmg Bgi hpe S pham K thugt TPHCM, Vigt Nam

Nagdy fod sogr nhin bii 1002030, rmgiy phdn bign Jdnk git 2530030, ngdy chdp nhin ding 2052020,

TOM TAT

Bam baa cho rotor vdn hanh o tae di cao ld mit trong nh:mg yéu il f‘ap thiét hign nay.

Bai bao phdn tich mgt 5 dac tink cor ban dong e hac Cua roter rém nen tang md hinh
Jeffeott rotor. Me hinh rotar fruc mém co the vin hinh & fm'. dy cao dén 12.000 veng/phit
dige dieu khién bdng bién tan cho phép nghién cii cic toc da téi han 1, tae dg fot han 2
fmaode | vd mode 2) va cam Bign laser Eeyence G35 dwpe sir dung d"e' do fugmg mat cdn .ﬁa?‘iﬂ"
ff'hl{l‘eﬂ Vil Eét quid thiee nghigm irén ma hinh dd xdae dinh duge tac do Tl Fﬁm {mode 1) h
thyet i my = 1115 mrr&.-'l'n.ﬁm vi ket qua thirc Hgfﬂem id ny, = 1260 vingiphit v sai léch =
15 Diéu nay cho thay mao hink thiét ké cé thé g ﬂ’ie!‘i‘ﬂ’ﬂ-ﬂwg Fhm:‘ fepFi‘Hr vu cho vige danh
gia hoat dgHg Cua rotor va ciing co thé depe sir dung ¢ xde dinh toe da ten ham 2 fmode 2).

Tir khda: rotor truc mém; toc 4o 17 han; Jeffeott rotar; Mt cdn béng,‘ chuyén vi.
ABSTRACT

Ensiuring the rotor to aperate at high speed is one of the urgent requirements today. This
paper analyzes some basic dynamics characteristics of the rotor on the basis of Jeffeort rotor
model. The flexible rotor model that can eperare ar high speeds 12.000 rpm is controlled by
inverter equipment that allows studying critical speads I, crifical speed 2 (mode 1, mode 2)
and laser Kevence G35 sensor used to displacement measure. Experimental results on the
model have identified the theoretical critical speed fmode 1) is nw = 1113 ypm and the
experimental results are ny, = 1260 rpm with deviations <15%a This shows that the design
model can be applied in practice for the evaluation of rotor operation and can also be usad fo
determine critical speed 2 (mode 2).

Keywords: Flexible rotor; evitical speed; Jeffeort rotor; unbalance; displacement.

1. GIOGITHIEU

Cic thiét bi nhir may nén, tuabin, miy
bom, ddng co phin lee, mév ting dp. . khi
vin himh déu bj rung ddng do chuyén ding
cia rotor. Nguyén nhin giy ra cic rung ding
nay thurdmg 1& do rotor miit cdin bﬁuz irong
khi chuyén dng. Che théng 56 chinh d& danh
gid d6 rung ding cioa hé ﬂJEmg I the df cia
mmr[tﬁu_dutdlhnn} a6 dn dinh coa hé
théng vi ddp (mg mét cin bing [1].

Trén thé givi, nghién ciu vé ding lpc
hoe rotor 83 duwge nhidu nhém nghién cim
thire hién, dién hinh B Tiwan [3] 48 thye
hién cde phdn tich vi nhin dang ede 161 mit
cin bing trén hé thing rotor. Tai Viét Nam,

nghién ciru vé phin (mg cia tuabin trong nhi
miy thity dién khi vin hinh dwoe nhom N,
V. Ehang [4] dé cip va nhém P. H. Hedng
[5] thwe hién nghién cim (mg dung mé hinh
rotor true mém dé cdn bing trong phing thi
nghiém.

Trong céc nghién cinu ndy, toc 43 t61 han
la tﬁn s tur nhién khing bi suy E;mm (khiong
xét dén hé 56 giam chin ¢) cua he théng rotor
duge tip trung xem xé, dinge xem 14 thdng
s chinh yéu dé thiét ki cde thiét bi quay. Do
d6, cin thye hién cde Fhin tich, tinh todn dé
wic dinh chinh xdc the d§ tonl hon cia ]'.'I.é
thing cing hinh dang ché 4 va phin bo
ning hrgng.
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_Théng thudmg t&c 36 161 han dirge mong
mmin & mire 10% dén 20% tén hode dwdd
pham v1 the a6 hoat ddng cia rotor [1]. Tuy
nhién, ¢b nhiéu rotor sir dung cic & d& oo
gidm chin dac biét co thé hoat ddng trén tic
dd ton han 2 (mode 2) I:lhng cdch thay dhi cdic
hésﬁanhhm!mgcua shi dF, didu ndy din
dén cac vin dé mét én dinh nghiém trong khi
hé thing choyén sang hoat ddng & toc & téd
han 1 (mods 1).

Bii béo trinh bdy cde kEt qua nghién cim
diéu khién the da va cdp cia motor (0 —
12000 vong/phir) vi ddp dmg tin hién
chuyén vi weng img sir dung md hinh rotor
truc mém.

2. NOIDUNG NGHIEN CUU
2.1 Thing si thidt ké

Tir yéu ciu thye té, dé nghién ciru dinh
cid che thong srfi FE Y miil edn I:hn,q, trén rotor
truc mém, ta cin xiy dumg | mé hinh thuc
nghiém dé kiém chimg M hinh duge lwa
chon Ia Jeffeott rotor, diy 14 md hinh rotor
durre sud:mgnhtéunhﬁldémﬁlﬁdcﬁngluc
hoc v cho phép phin tich phan img khi rotor
hoat ddng & the 46 cao.

Do viy, thong sé din vio cia mé hinh
thiét ké bao gdm:
- Pham vi diéu khién the da: 0 — 12.000
vimg/phit _
- Khi niing chuyén 60 vi xi 19 tin hidn

analog sang tin hidu s,

- Kha ning nhin bitt va izhi nhdn lirgmg it

ciin b.ﬁng thing qua tin hitu chuyén vi.

- My cimng vimg, rung ding it
2.2 Nguyén Iy thiét ké

Véi thong s& nhir trén, khi rotor
bién 4 dao dong s xuit kién doe trén chifn
dai lam viée eda rotor. Cae gid tei bidn 45 dao
ding nay s& duge cie cam b]En thn nhin,
C]:I]l}"En ddi thanh cic tin hién b dua vé bo
xir 1§ trung tim & tinh odn, s 1§,

_ Phéc thae so di nguyén 1y cia mé hinh
thidt ké ahir & hinh 1.

I. Bing cor— 1. Hj:ipurj'fmé:ml—i GrJ.reﬁ
4. Bia— 5 Truec — 0. Cam bien -7 B¢
Hinh 1. Phic thdo mé hinh rotor truc mém
2.3 Kit ¢iiu
~ Tir sor & nguyén 1y, phweng n thiét ké
két ciu md hinh rofor fruc mém duwge 42 xuit
nhur & hinh 2.

Thit i khiém — 3. Bing cor
4. Cum goi div - 5. True — 6. Ba — 7. B¢
Hinh 2. Thiét ké két can mé hink rotor fuc

MEm

1. Khung mdy — 2.

Mé hinh cé dem gidn hoa mit sb thanh
phiin nhumg vin thé luén diy di cic yéu th
ciiu thanh chinh cia mit hé rotor dién hinh
trong thye té. Diic biét 14 vin the hién t6t che
dic diém quan trong cia djng lee hoe Totor
li: the 4 va mit cén himg_ Ma hinh thiét ké
g&m chc thinh phﬁn chinh: 1 true trom, 2 dia
dé b tri khoi hromg, 2 cym ghi dir, cor ciin
truyén ding, thiét bi din dong, thiét bi do tin
higu chuyén vi vi cum 8 méiy, khung may.

M@ hinh 14 true 361 Ximg v sit dung & bi
eo nén b qua hiéu (mg giam chin lidn guan
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dén cum & @& hoic tryc. Giam chin duy nhit
céthédumxcmxéllmngméhlnhlégném
chin nhét ¢, phat sinh bai tic dong cua lwe
cin khong khi trén dia xody va truc. Dj cimg
k trong mé hinh duge xét dén b dé cimg
cua truc va két ciu cum 6 da.

Hinh 3. Truc va cum goi d
2.4 Kiém nghi¢m thiét ké

Ma hinh sir dung dong co tich hop truc
chinh ¢6 sb  vong quay n = 24.000 vong/phit
vﬁduchn&lhnénbmbléntﬁn.Daodéng
cuia truc (dia) duge nhin biét va do béng cam
bién laser.

Dé va két ciu khung miy bing thép la
két céu chinh chiu tai trong cia mo hinh nén
cin duge tinh toan kiém nghiém bén dé cb
khi ning chéng rung va ngin ngira hién
tuong cong huong. Két qua tinh todn, phin
tich chuyén vi clia khung may & trang thai
déng lic hoc duge trinh bay & hinh 4 [6].

Hinh 4. Két qua phan tich khung may
Taﬂm [6)m = 3,54 Nfmm® > Ol =3Xx

0.75= SNImm do vy két céu chic chin,
khong rung

2.5 Ché tgo - Thir nghi¢m
Trén co sér thiét ké va phuong 4n két ciu
di duge kiém nghiém, mit md hinh rotor

tryc mém duge ché tao nhir & hinh 5 véi cdc
thang s6 k¥ thuit chinh nhu sau:

- Duidmg kinh dia Dasc = 120 mm:

- Chiéu dai truc quay Lenx = 725 mm;

- Khdi lugng truc my,z =640 g:

- Khdi lugng dia mg,. =2150 g;

- Cam bién do chuyén vi LK_G35;

- Dong co Spinder 3 pha 220 VAC, 1,5kW:

Hinh 5. M6 hinh rotor truc mém (I dia)

Rotor trong md hinh chay thye nghiém
lal d‘adonduvc gindénglim trén mot truc
dan hoi déng

120
¢ 30

PSR

J| |
w7 1
Hinh 6. MG hinh gom truc va dia dom voi 2
goi cimg

ol

30

o12 |\
[
I 0

'l\

Hinh 7. M6 hink vdn hanh tai toc dé téi han

1 (mode 1)
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Dip img khing cin bing cia rotor durge Tansd | Tocd | Chuyénvi
md i boi phuong trinh chuyén ding bichai | ST | “mry | qsnomnig | mmy
ciia hé thémg nhir sau [2]:
4 17 1020 £0,57

mk + X + kX = Mew® ¢
¢ gurosw 18 1080 £0.87

19 1140 £12

Trong d6, bo qua hé s mam chin e,
chng thire xéde dinh toe 3§ 61 han 1 (mode 1):

5
&
7 20 1200 £1 38
2k 2.146,5.105 Fad
= |l—= |———— = f— ) -
|- et et T e |
9 22 1320 £0,55

Khi 46, i vong quay ciia rotor s& la: —

0| 23 1380 £0,39
60.wy, 601167
My == 3314~ = 1115 v/ph 11 24 1440 £0.31
Dé do luong mit cin bing, cim bidn | 12 | 23 1500 £0.26
LK. G35 dwgc bb tri nhur & hinh 8. 13| 26 1560 £0,22
= - 14 | 27 1620 £0,20
15 | 28 1620 £0,14
16 | 30 1800 £0,15
17 | 40 2400 £0,10
18 50 1000 +0,08
19| 6 1600 £0,06
0| 70 4200 £0,05
21 | 10 6000 £0,04

Hinh 8. B3 wilip dit Sensor IK G35 uode 1 am e i) 1o :i‘n;ﬁui
Céng vigc thic nghiém dwgc tidn hinh  (twong img tin sé £= 21 Hz) v chuyén vi

virl nhign cip toe 46 khae nhau: n= 800, 200, theo phuwong X 14 Xpe =+ 232 mm.

960.... 6000 (vong/phir), qua d6 do v dinh I

gié tin hiéu dao ddng thu duge (dac biét 13 tin

Eét qua do dac cho thiy tin hiéu do dao E, . “ V '
dng thu dugc dn dinh va che gid trj trong E. || | | | |
{mg durge trinh by trong bing 1. E | |
Bang 1. Két qua thue nghiém do dan dong 5_= l ‘| J J “ ” “ ” '
Tiin 56 Toc di Cﬂ'ruyéir Vi
STT (Hz) | (vingfphiit) {rmm)} j
1 lﬂ GDD 4__1}13 L] (L] m W 45 T:I.I L] ™ [ » [}
2 15 ano 0.3 Hink 9. Tin Rigu the duoc tal tac da ted han
3 16 960 039 thure te m = 1260 vomg/phit (f= 21 Hz)

10
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Quf dao chuyén ding cia rotor durge thé
hign trén hinh 10 tai 3 tn sb Lin leet 1a £ =
18 Hz, £=21 Hz (mode 1) va r=30 Hz.

—{=30Hz
f=21 Hz
= 1K Hz

-1 [} 1 2 3 i
Trwe il

Hinh 10. Quy dao chiyén dgng ciia tdm truc
tarcrmng g tan 56 = 18Hz, 210z va 30H:

Tir cdc két qui tinh wdn (1) 12 cd e 46

téd han (mode 1) 1 ng = 1115 vong/phin va

két qua thye nghiém (bang 1) li nw = 1260

ving/phiit cho thiy cde img xir cha md hinh
phi hop (sal lach = 15%) [1].
3 KETLUAN

Mo hinh thiét ké va ché tao di duoc
kiém nghiém thinh céng, dim bao hé théng
vin hanh o0 dinh. Eét qua do cho thay the dé
to1 ham 1 {mode 1) dat duqcl:]lin= 1260
vong/phit (tweng (mg tin s6 =21 Hz) v
chuyén vi theo phiromg X 14 Xmax = £ 232
.

M& hinh sir dyng cim bién LK G30 +
b Contreller G3000 + Software Keyence thn
thip tin hi¢u do dao ding o6 46 chinh xic va
the d6 xir 1§ cao.

M hinh 12 tién dé dé phat wrién viée tinh
todin, do kiém cho rotor vin hanh tai the 43
tirl han 2 (mode 2) va cie phan img cia rotor
thu direee tal the dd 861 han 2.
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NGHIEN CUU THUC NGHIEM PANH GIA CAC THONG SO
ANH HUONG DEN DAO BONG CUA ROTOR
EXPERIMENT STUDY EVALUATING PARAMETERS EFFECTS ON THE
VIBRATION OF ROTOR

Trin Thanh Lam, Ding Thi¢n Ngon, Trin Thai Son, Lé Chi Cueng
Trardmg Bai hoe Sir pham K thugt TEHCM, Viée Nam

Nedy fod sogn nhdn bai 450021, ngdy phin bign dik gid 12072001, ngdy chdp nhdn déng 28742021,

TOMTAT

Rung J:mg frong truc quay la mgt hign nromg pho bien thidng gdp trong cdc hé thing
rotor: Viée xde dinh cdc ‘ue'ir I gy rung digng dé qua d6 thee hign ede brén'_pﬁﬂp glam rung
nham dam bée cho rotor van hanh én dinh la mat frong nhimg véu can cap thiét hign ney:
Trong bai bao ndy, mar md hink dinh gid rung ding cun rofor di duge thiét lgp cho phép
khdo sdt cdc théng 56 chinh dank huing dén rung ﬂn.rrg cuia rotor bao gam tac dg to1 han, do
Téch tam gay ra ﬂ’a mat cin bing vd goe pha ban dau. Cac két qua thie nghiém cho thay: khi
tac dg quay gari‘ tic di to1 han sir rumg dgng ire nén khong d dn dimh v fum g dao dang !ﬂng
manh; lergrmig Mt cdn !Jang mn'g dim den bicn dg dao Jmig .ra'ng, gic pha ban dan ciia vi i
dit tai new by thay doi trong qud trinh hoat déng 5é dan dén cde bién dii khac nhaw caa giai
dogn rung dang ddn deén Sir ting hode giam cde tng sudt uén o6 thé din dén hign aromg moi
xut hign trén truc quay.

Tir khéa: rotor; dao déng; téc 4 tod han; mat cén bang; goe pha han dd.
ABSTRACT

Fibration in the rotary shaff s a common phenomenon observed in rofor systems.
Determining the factors that cause the vibration o implement the vibrarion reduction measures
to ensure the rotor rumning stably is one of the urgent requirements today. In this paper; a model
gf rotor vibration assessment has been propesed which allows te fmesfigate the main
parameters influencing rotor vibrations including eritical speed, imbalanee eccenmicity and
initial phase angle. The experimental results show thar: when the tpeed it near the critical
speed, the vibration becomes 1imstable and the amplitude of the escillation increases shavply;
the amount of imbalance increases leading to an increase in amplitude of ascillation; the initial
phase angle of the load position, if changed dring operation, will make different oscillation
periods leading to an increase or decrease in bending stress leading to rotor fatigue.

Keywords: rotor; vibration, eritical speed, imbalance; inifial phase angle.

1. GIOI THIEU

May quay 1a mét loai cor cau co khi quay
phé bien, dwoe sit dung réng rii trong cac
thiét b cong nghigp. Hom ding cim co edn
quay nay anh hwémg lém dén khi ndng vin
]J.a]:l]]undmh(.‘uamﬂ‘,’ néugavrarung ding
qua mirc cho phep co T.hE dnh hurimg dén chit
lugng sin phim va cudi cimg 6 thé gy a
himg hoe [1].

Dioi: https-fidel.orz10.54644te.66.2021. 1060

Vide hing hée cia co cdn quay thimg
gip trong cac thiét bi nhir cum truvén chuyén
démg cha cde phirong tién giao théng, mabin,
iy borm,... doi hol kanh phi sira chita lim va
quan trong hom 1d co thé giy nouy hiém dén
tinh mang con ngwin. Neguyén nhin gay ra
rung dong 14 do mat s6 véu 5 tie ding lén
rotor trong kil vin hanh. Do viy, viéc nghién
ciru ddng hre hoe eia rotor dé xic dinh cic
théng s chinh dnh hirdng dén rung dGng coa
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mmrnhulat&c ducuamtor(t&. dd tin hEuJJI
d) on dinh cia he thing va dip img mit cin
biing [2] 03 va dang duge quan tim nghlm
cim. Trong d6, téc d6 t6i han va mit cin
bing 1a 2 théng sé chinh dwge nehién cim va
déinh gid [2-9].

T&,dﬁ-tﬁihancuamtnrlacactucd&ma
tai d6 rotor bi bidn nhién nhit (cing
hirdmg). Thﬁng mufmg toc di i han duge
mong muén & mire 10% dén 20% tén
vi tde 40 hoat ding caa rotor [3]. Ty n]na].,
mnhlﬁurmunudtmgcacﬁdamgmmchﬂn
:In:u:I:uétc-u1:1:|£hmu.:r.:'ﬁmg1:13:|:lt._w,qiurtdu]::.m‘-I
(mode 2) bfl:l‘tg cdch thay déi cie hé sd imh
hrémg cia gbi 46, diéu nay din dén cic vin
dé mit bn dinh nghiém trong ki rotor chuyén
sang hoat déng & tde @6 téi han 1 (mode 1).

Mit cin bing trén rotor la hién twong
phin b khii legng khing déu quarl.h tim
truc quay cia rotor. C6 nhidu npuyén nhin
lim rotor mét cin biing nhu do ché tao, lip
rip, bién dang hay mil mén trong qua trinh
vin hinh.

R. Tiwari di thuee hidn cac phin tich va
nhin dang -:ac]mmﬂtcanbhngtrmhéthﬁng
Totor [4] B. Xu d& xuit mit phreng phip
cin bing ma khéng cin chay thir [5]. Y. A
Ehulief dwa ra phuwong phip khing cin thém
khéi lugmg thir trén rcrlorl:hlcmbhng [5]
Yuanping Xun di xem x& sir dung didu khidn
& dé tir chih déng trong cin béng [7]. Shachar
Tresser dua ra mdt phucrng phip tuép ciin
khic trong linh viee cin bing 13 chay toc dé
thip két hop Lee kich thich bén ngodi [E].
Giin diy Guangfu Bin dé nghi cin bing sir
dung tir 3 mat phing trir lén & nang cao dd
chinh xac [9].

Tir cac két qua khao st trén, bai bao nay
trinh bay vé vige thist 1lip mat mé hinh rotor
dién hinh, gém true vi dia quay, cho phép do
dac thire nghiém d& dinh gid rung djng cia
rmord;mn'mcacﬂmugsﬁ nbir the 43, d lach
tim do méit cn bing va géc pha ban din.

2. PHUONG PHAP NGHIEN CUU
2.1 Dii twyng nghién ciu

D¢ nghién cir dinh gid cac théng so =iy
rung déng trén Tofor, ta cin xay dumg 1 mo

hinh thue nghigm dé kiém chimg Mo hinh
thire nghiém sir dung trong nehién e nay
¢l dwrere chié tae nbur hinh 1.

Mo hinh nay tp trung dinh gid dao
déng phé bifn cia truc quay li dao ding
ngang (i qua dao ding xofin va vi dao ding
doe truc).

Tir md hinh trén, chi tiét quay duwee dé
muit thiét ké ché teo theo tién clmin IS0
1143:2010 [10].

1. Elung mdy; 2. Bgng cer; 3. Encoder; 4. Cdm
br'én'c'.’rr{li'n vi; 5. My nnk; 0. D_-lg; T Cra'm
bien guang; 8. Rovor; 8. Cam bien gia roe

Hinh 1. Ms hinh thue nghi¢gm mey do dav ding

— W HE

Hinh 2. Truc mdu quay bang thép C43

Vit ligu Lim méu quay duwge chon 1a thép
C45 thude nhom thép hop kim tnng binh co
ham legmg cackon tir 0.43% - 0,50%, dim
bao duge cac chi tidu co tinh téng hop nhur:
d@bén d déo, &b dai, tinh chin lrc, chin
win, chin xodn tit Ve cac tinh chit nay.
thép C45 duge sir dung rdng i trong linh
wure co khi dé ché tao cic l!.‘]'.'ll'llé'[maj.fthlu
mén, chiu til wong tink va va dip trong 461
cao nhir true, banh ting, .

13



Tup Chi Khoa Hye Gido Duc Ky Thugr 54 66 (10/2021)
Trwrimg fhai Hpe Sie Phom Ky Thgs TP 5 Chi Min

Bing 1. Cac thanh phan nguyén ta cia thép
C4s5

hg:‘g“ clsi|sm| 2| 5 [m|c|c
Thanh -
ol (| 046 0:21{0.64(0.0210.007] 0.04 p.0g{ 0.16

Dé xuit cin bing rotor theo phuong

phap sir dung 2 mit phing qui ddi, miu quay
0 ket cdin nbur hinh 3. [3]

Hinh 3. Truc va 2 dia gin khoi hromg thee
Cac théng =6 ki thuit chinh min quay
nhur saw:
- Burimg kinh dia, Dy = 100 mm
- Chiéu dai truc quay, Lue:= 256 mm
- Khi lugng truc, M =300 g
- Khdi lugng dia, M. =180 g
- Bé diy dia, B=20 mm
2.2 Mi hinh todn hoe

_ Phuong trinh chuyén déng cho rotor (hé
thing truc va dia) nhor san:
Mil + Cii + Ku = F(t) (1)
Phuong trinh chuyén ding theo cic
phurong x, v sé 1
ME + Ck + Kx = Mew*coswt
M§ +Cy + Ky = Mew®sinat
Hav co thé viét lai:
ME 4+ Cx + Kx = mrafcoswt ()
My +C¥+ Ky = mrw®sinut (3)
Tromng di:
- M: khii lugng cia rotor
- C:hé s gidm chin eda hé thing

- Ko dd elmyg eda rotor

- m: khbi lrgmg thir thém vio
- r hin kinh dat khii lugng thie
- the d§ quay cla rotor

Sor 46 lue tae dgng 1én truc bidu dién &
hinh 4. Vi cdc vi tri dit tii khic nhau: 0°- 07,
0°-90°, 0P~ 180°ta o durge bidu &6 phin b
lre tromg (rng.

bj
Hinh 4. Biéu do phdn ba hee va moment tic
dung 1én votor: fa) vi o1 09— O va (b vi 07
0 - 150"
Ta c6 img swit uén sinh ra do Iye Li tim
Fla:
“
Do d6, néu gia trj luc i tim £ = mraw?
tic déng lén truc khing doi thi vi tr tal tac
ding lim nhit twong img v cach dat tai déi
smg (0° - 0% va vi trd thi e dimg nho nhit
wrong img vi tri 07 - 180°.
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b}

Hinh 5. Truc mau tai vi irf dat tai:
fad O - 0%va (b) 07 - 1807

1.3 Phwong phip &o lwimng

-"JCI]JJ.'EI]JSLIdunEqumJCU tich hep truc
chinh c6 s6 véng quay n = 24 000 vong/phmt
vi duge dién khién bod bién tin. Téc 4 thye
té cila rotor duoe xic dinh thong qua bd doc
Encoder. Dao déng cia truc quay duge do
biing cam bién laser Keyence LE-G33 co sal
s0 = 0,001mm; khodng cich do la 30mm. D&
xdic dinh lromg mit cin hﬂn! trén rotor ta sir
dtmgfnmbln:ugla tucvaphﬁnmémtmhtm
Digrvibe MX ciia Hang Erbessd Instruments.
Gia tri hién thi trén phin mém 14 ga tri trung
binh binh phwong BMS coa dai legng & =
Ep. i) (mms) nhur hinh 6.

Hinh 6. Thiét bi do mat can bing cia hing
Erbessd Instruments

3. KETQUA
3.1 Anh hwing do the d§ quay (the di tid
hgm)
Rotor khi vin hinh & gin the 43 t6i han
thir 1 (mode 1) s& co dang dao déng nhur hinh 7.

Hinh 7. Mg hinh rotor van hanh tai tée d5
ot han thir I fmode 1)
Tir (1). b6 qua hé sb giam chin C, ta co
cong thire xde dinh tde 33 t61 han thir 1 [11]:

L 556,3.1n5_315rm
Tm BE0 g

Khi 46, s vong quay cia rotor s& 14:
&0. wy 60.315
e 23,14
DE dam bao rotor trong mé hinh vin
hanh &n dinh v twong img vl cac toc d
quay thyre té cha cde thiét bi; ta chon dai tie

d6 thi nghidm cha rotor 13 mp = 800
vong/phit, nr = 1500 veng/phit va n2 = 2000

e = = 3009 vg/ph

véng/phit (vél nz = 2000 vongiphat =
T0%.n. = 2106 ve/ph). Eét qui do dac thye
nghiém dirgee trinh bay & Bing 2.
Bang 2. Kt gqua thue nghigm do dao dang
| Teds g vi
Tan s .
5IT (E=) rung bink T ¥ fmm)
frong/ahnn i
1 19 BDD =005 =).12
2 26 1500 =055 =011
3 M4 2000 =005 =010
4 31 3000 =008 =0.18
sy | | |-'| |'.'_ = -?II
" |I | [ | [
. 11 | 11 (1 |1 | |
% . | | 1111 1 1] | |
_15_ L | [ I I |

Hinh 8. K&t qua do chuyén vi tai toc di the
te ns = 2000 veng/phuir (f = 34 H=)

Tir két qua do cho thiy: khi rotor vin
hanh & téc 35 diedd the 46 1 han thir 1; dao
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dimng trén rotor 13 én dinh (dao ding truc X =
=0.05; e Y = =0.11); vin hinh ta toc 46
téi han thir 1: dao déng tdng manh (X =
=0 UE; ¥ == 1¥).
3.2 Anh hwing do mit cin bing
3.2.1 Trurimg hop 1 - Khiii lugng thi dit disi
xeimg ( vi tri 0 — ()

Rotor khi mit cin bing c6 két ciu nhu
hinh 9.

4 =i e

e |
I Irue guey; 2 P de; 3. KT laemg ther; 4,6 Bae
Rr; 5. Bia; 7. W i digr i
Hinh 9. Rotor thue nghiém mat cdn hing

Theo tifn chuin mit cin bing ISO
194041 - 2013; ta tinh toin khdéi lugmg thir
trong (mg cac chp 46 mit can bing lin lugt
1la G235, G63vaGla[1].

Dl vl G186, ta o khoi hrgng thir cho
phep tinh todn tai tie d t51 thidn n1 nhur sau:
K. 9,54 Grg. Mrgeor

ny.r
Vi thé; ta chen cac khdi lugmg thir Lin

It 10g, 20z va 30g va chay theo cac the dG
a3 aé xuit, két qua do nhu hinh 10 [12].

Mypial = = 3?.? g

Hinh 10. Két qua do cin bing trén 2 mirt
phang tai vi i 0 — 0, mipr = 30g.

Két qua do luong mit cin bing tren
rotor tal vi tri 07 — 0% vl céc gid i tid va the
i meomg dng dwge trinh bay rong bdng 3.

Bing 3. Két qud do mat edn b.:.mg Khi gdn
i dwromg thie tai vi g 8 — (P

Il:jl'l'.ll Fi . G_
STT | g i | Tae dif Bt
igram) gl i
1 ] 800 058
2 ] 1500 112
3 ] 2000 134
4 10 800 0p
5 10 1500 40
& 10 2000 205
7 20 800 11
] 20 1500 04
2 20 2000 328
10 30 800 2z
11 30 1500 143
12 30 2000 423
[ H
i
[1L3 — il rpm
Ll
iut l .|| r t H f
R
¥ QIR L
Al
415
A
[] ] el '] L ] (5]
sampk

Hinh 11. Két qud do ehuyén vi tai muu=20g;
tac dg 800, 1300 va 2000 veng/phit
Nhin xét: tai tie dd 2000 vong/phut dao

dng cia Totor khi miit cin béing 1a lom nhit

3.2.2 Trudmg hop 2 - E'.".'.c.‘rr."u-pn ther dat
khing dii ximg (v tri 0° - 90°; E.'l"’l 1580%)

Thay diil vi tri d3t ti ban dim (goc pha),
ta thy dwge cac két qua mit can bang nhw

béng 4.
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Bing 4. Két qua do mat cin bang khi gin
ki hegmg thr tan vi il 0F — 908, 0F — 1507

Fiurd Khiti ;| Gean

STT | 4o e B .

et | ) el | )
1| oo_oe 10 2000 03
1| oo 10 2000 143
3 |eecie | 10 2000 26
4 | oo—ge 20 2000 328
5 | —op 20 2000 287
& (o130 | 20 2000 37
7| oe—ge 30 2000 423
g | oo 30 2000 354
o |13t | 30 2000 42

u

b 120

1] “Ren

-

Hinh 12. EKét qua do chuyen vi tal WMy =
20g, n= "l!'.'?ﬂl'.'hgh{pﬁ ede vi mi (P — 00, 0° —
90 0° — 180°.

Két qua do cho thiy lwong mit cin bing
va chryén vi giam din tir vi tri goc pha 09 -
0% v i 07 — 907 s vi o 0F — 180%

3.3 Qui dao chuyén ding

Quy dao chuyén ding, cim rotor duge the
hién trén hinh 13 tw tde 46 my = 2000
ving/phit; trong 2 rwdmg hep rotor khing

tid va rotor co i 30g, vi o 0° — O,

Hind 13. Quy dao chigvén dgng cia tdm mruc
twernyg G rotor Khiong tai vd oo tai 30g

Két qua thue nghiém cho thiv qui dao
chu],rn:n ding cua rotor (mg xde phod hop qui
Tudit wivl cae ﬂ:I.D:I:I.'E 56 anh hudmg.

4, KETLUAN

M& hinh dinh gid rung ddng rotor di
durge rhiétlﬁpvavﬁnhanhﬁndmh Anh
huing cia nhéu tham sb dén dip img nung
ding, bac gom tic db quay, & léch tam
khéng can bdng v goc pha ban din dirge
nghién cim chi tiée.

Két qua cho thiy 1ing-

Elu tée d6 quay cia rotor gin tie dj té
han sy rung ddng trér nén khong on dinh
bién dd dao ding ing manh_

Cing d6, néu rotor bj mit cin bing sé
din dén bién 46 dao dgng ting nhanh lam
rotor nhanh chdng hur hing.

Gie pha ban diu coa vi tri ddt til néu bj
thay dii trong qua trinh hoat dng s2 din dén
cic bién dd1 khic nhau cia giai doan nmg

dimg din dén sy ting hojic Zidm cic img suit
uimn 6 thé din dén hnén treng méi xuit hién

trén truc quay.

Cac phat hién nay 6 ¥ nghia quan trong
trong viéc dinh hirémg thiét ké an toin gnip
rotor vin hinh trong thid gian dai va hé try
nghién ciru siu hom vé dur dodn 39 bén mad
cho rotor.

LOT CAM ON

Két qua nghién eiu dirge hi tro kinh phi
tir D¢t Nghién cim khoa hoe cip truimg
trong didm 2020, mi s6 T2020-56TD.
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Abstract.  Vibraticn in the rofary shaft i a commen phenomenon chserved in rotor systems. Determming the factors that
cause the vibration to maplement the vibration reduction measures to ensure the rotor is nmming sably &= one of the wgent
requirements taday. In this paper, a machme model of rotor vibration as sessment has been proposed, examinims the maim parameters
influencing Totor vibratons, meluding critical speed. unbalance eccemiricity and erientrten angle. The experimental results show
that: when the speed is around the critical speed. the vibraten becomes unstable and the amplitode of the escillation increases
sharply: the crientaton phase amgle positon camses differemt variations of the vibrating period leading to the impesed or
superposiden of tensile or compressive soesses Tesuling m fabzne ecomTing on the refor. The present stady ilasmates the
applicability of employing simple models to predict the dynamic response of a simple rotar system with accepiable accuracy.

INTRODUCTION

Fotary machinery is a common type of rotating mechanical mechanism widely used in mdustrial equiprment. The
operation of this rotating mechanism greatly affects the stable operation of the machine. If it causes vibration, it can
affect the quality of the preduct and may eveniually cause damage.

The failare of the rotating mechanism is conmon in applications such as aviation engines, nrbines, pumps, etc.,
Tequiring large repair costs and, moere importantly, can endanger homan life.

The cause identified hete is becanse the rotor is umstable, so when operating, it causes vibraton.

Therafors, it is important to stady rotor dynamics to determine the amount of rotor unbalance through main
parametars such as rotor speed (critical speed), system stability and unbalance response has been and is being sudied
11l

In there, critical speed and unbalance are the two main parameters most studied and evaluated [1-8]. The critical
roter speeds are the speeds at which the rotor deforms the most (resomance). Normally the critical speed is desired at
20% to 30% over the rotor operating speed range [2]. However, many rotors wse specially damped bearings that can
operate above crifical speed 2 (mode ) by changing the bearing mfluence factors, which leads to problems serious
instability when the rotor switches to critical speed 1 operation (mode 1)

Fotor unbalances the uneven distribution of mass around the roter's center of rotation. There are many causes of
rotor unbalance, such as mamifacnaring, assembly, deformation or wear during operation.

P Tivran performed the analysis and identification of unbalance errors on the rotor system [3]. B. X proposes a
balanced method without a trial on [4]. Y. A. Ehuolief offers a methed that does not require additional trial mass on
the rotor when balancing [5]. Yuanping Xu considered using active mapnetic bearing conirol in balance [§]. Shachar

Thar Lt I I o i o vy Eng ond Makerials, 2021
AP Conl. Peoc. T4100, 07000 100005 | L; hitpaidol cog |0, 106375, 063305
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Tresser offers another approach in the field of balance that is low speed running combined with external excitation
Force [7]. Recently Guangfu Bin suggested balancing using 3 or more planes to improve accuracy [8].

From the above survey results, this paper present the main contents: setting up a typical rotor model, consisting of
a rotary shaft and discs, allowing experimental measurements to evaluate the vibrational states of the rotors based on
parameters such as rotational spead. unbalanced eccenmicity and mitial phase angle.

EXPERIMENT MODELING
The rotating detail is proposad to be designed and manufactured according to ISO 1143:2010 [10].
T 2 | EOELD T
M Do 1y ¥ puuon hum jpee 0t
I x R T
1 . |
! '
L N L) s
- -1 -

FIGURE 1. C45 stee! rotating template shaft

It is proposed to evaluate the unbalanced rotor by the 2 plane method [2], so the rotating template has the structure
as shown in Figure 2.

FIGURE 2. Shaft and 2 disc for set trial mass

The main specifications of the template rotor are as follows:
- Diameter of disc Dy, = 100 mm;
- Spindle length Las = 256 mm;
- Shaft mass ma,s =300 g;
- Disk mass Me.. =180 g;
-  Disc thickness B =20 mm:

DESIGN AND SIMULATION

Figure 3 shows the model focuses on evaluating the conumon oscillation of the rotating shaft as transverse vibration
(ignoring torsional and axial vibration).

Mathematical Model
The equation of motion for the rotor (shaft and disc system) is:
[MH{z}+ [CHx) + IK]{x} = {F(eD) )
The equation of motion in the x, y directions will be:
MZ 4 Ct 4 Kx = Mew*coswt )
M7 4 Cy + Ky = Mew®*sinwt 3)
070003-2
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It can remite:

Mz 4 Ct 4 Kx = mrwcoswt (4)
M7 4 Cy 4+ Ky = mra’sinwot 3)

1. Frame - 2. Movor - 3. Encoder — 4. Dizplacement Semsor — 5. Compuirer — 6. DAQ - 7. Oprical Senzar — 5. Rotor
-0 Acceleromerer

FGURE 3. Experimental model for vibration measurement
Where M, C, K are the mass, damping coefficient, and stiffness of the rotor, respectively: m, r, © are the trial
mass, the radius of the trial mass and the rotational spead, respectively.

The diagram of the force acting on the shaft is shown in Figure 4. With different load positions: 0°-0°, 0°-90°, 0°-
180°, we get the corresponding force distribution chart.

070003-3
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FIGURE 4. Schematic diagram of the force distribution on the rotor at position (P —0°

Therefore, if the force value is constant, the position of the maximum impact force corresponds to the symmetrical
loading (0° - 0*) and the position of the smallest impact force is the position 0” - 180°.

Measurement Method
The model uses a spindle integrated motor with a rotational number of n = 24,000 rpm and 15 controlled by an
inverter. The actual speed of the rotor is determined through the Encoder. Vibrations of the rotating shaft are detected

and measured by the Keyence LK-G35 laser sensor. The determining the amount of unbalance on the rotor, we use
the acceleration sensor and the Digivibe MX calculation software of Erbessd Instruments, as shovwn in Figure 5.

FIGURE 5. Mzasuring device of Erbessd Instrument

0700034
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RESULT

Efffect of rotary speed (Critical speed)
The roter when operating near the critical speed 1 (mode 1) will have the profile as shormn in fizure 6.

Fi Fai

FIGURE 6. Modz] of rotor eperating at critical speed 1 (maods 1)

In which, ipnering the damping coefficient ¢, the formnla for determining the critical speed 1 [9]:

% [(ezssaoe
= (& _ |h5n,3.1|:| - ﬂ!
we= L= [Tt =as =) (6
Then the speed of rotor will be:
Bl B35
n=""t= m: = 3009 (rpm) )]

To ensure that the rotor in the mode] operates stably and corresponds to the acual romtional speeds of the
equipment;

We choose the experimental speed range of the rotor as oy = 500 rpm, 0. = 1500 rpm and o, = 2000 1pm {n, =
2000 rpm < 70?4 m — critical speed).

Experimental measurement results also show that the rotor operation is stable at these speeds as shown in
Figure 7.

TABLE 1. Experimental results of oscillation measuremant

g, | Frequency Average speed Displacement
(Hz) (rpam) X {mm) Y (mm)
1 19 300 =005 =0,12
2 il 1500 = 055 =0,11
3 kS 2000 =005 =0,10
70003 -5
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FIGURE 7. Result of displacemsnt measurement at actual spaad 0, = 2000 rpm (f=34 Hz)

Effect of Unbalance
Case 1 - Trial mass placed symmetrically position ( 0°-0")
The rotor at unbalanced stams has a structure as shovwn i Figure §.

=
— . = | ar |

1.Rorary shaft— 2. Niir— 3. Trial mazz - 4,6. Bushings — 5. Dizc - 7. Load position
FIGURE 8. Expermmental rotor at unbalanced

According to the unbalanced standard ISO 1940/1 - 2013; we calculate the trial mass corresponding to the
unbalanced levels G2.5. G6.3 and G16 [11]

For G16, we have the trial mass for calculation at minimum spead n is:
k.9,54.G,4. M,
Mepiag = — o T 377 g
ny.r

Therefore, we choose the trial mass 10g. 20g and 30g respactively and run at the suggested speeds, the
measurement rasults are as shown in Figure 0.

070003-6
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FIGURE 9. Unhalimced measurement results om 2 planss at posidon 07 - 0% my. = 302,

Tha resultss of measuring the amount of unbalance on the roter at positions 0" — 0% with the corresponding load
values are presented in mble 2.

TAHLE . Unbalanced measurement results when set mal mass at posioon &F — i@

No | TTALMSS | Speed (rpm) s
1 ] 200 0.58
2 1500 1.12
3 ] 000 1.34
4 10 200 0o
5 10 1500 40
4] 10 2000 1
7 20 EDD 1.1
8 20 1500 24
Q 20 2000 128
10 k{1 200 272
11 i 1500 143
12 E{i] 2000 423
Then the displacement graph is:
1700037
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FIGURE 10. Besult of displacement measurement at rial mass My,~20z. speed 300, 1500 and 2000 pm

Comment: at the speed 2000 rpm, the rotor escillation is the largest {m = 20g; G = 32,5 mm/s)
Case 2 - Asymmetric ial mass (posiden 0" — 90°; 0" — 150™)
Changing the inirial load position (phase angle), we get unbalanced results as in mble 3.

TABLE 3. Unbalanced measurement results when set the trial mass at posiden 07 — 909, 09 - 180
No. Position of Trial mass Speed G=g,.
— (gram) (rpm) (mm's)
1 m—qe 10 2000 20.5
2 o —agn 10 2000 143
3 o — 1500 10 2000 16
4 o 0 2000 118
5 00— o el ] 2000 8.7
& o — 1300 )] 2000 3.7
7 m—qe 30 2000 423
g - 30 2000 54
2 o — 1500 30 2000 42
070003-8
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Corresponding. we have a displacement graph as fgure 11
- T T

i

Ask )

FIGURE 11. Displacement results cbained at trial mass my.=20g. spaed 2000 rpm. position 0° — 0%, 0° — 00°: (P — 150°

The measurement results show that the amount of unbalance and displacement dacreases from the position of
phase angle 0° — 0" — position 0° — 90° — position 0° — 180"

Rotor Orbit

The motion orbit of the rotor is shown in figure 12 at speed ns = 2000 rpm; in the two cases of rotor no-load and
rotor have loaded 30g, position 07— (°.

o

=
— iy
ol-

o

Axis ¥
=

At

L1+

4l an v 0 o 0l
Awi X

FIGURE 12. The moton orbit of the shaft center corresponds to the no-loaded and loaded rotor 30g.

070003-9
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Experimental results show that the metion erhit of the rotor is appropriate behavior with the laws of mfluence

paTamatars.

CONCLUSION

The rotor vibration evalustion madel has been established and operates stably. The influence of mamy

parameters on vibration response, inchiding rotational speed, unbalanced eccentricity, and inifial phase angle, is
studied.

The results show that:
When the speed aroumd the critical speed, the vibration becomes unstable, the amplitade of oscillation increases.

sharply, the rotor will be degraded very quickly.

The unbalanced mital phase angle canses different variations of the vibraton phase, resulting n placement or

superposition of tensile or compressive soesses resulting in fatigue appearing on the shaft.

In actual engineering problems, speed ranges corresponding to the critical speed should be avoided and reduced

unbalanced eccentricity, unbalanced direction change, which can slow down rotor damage.

These findings have important implications for auiding the safe desipn of rotor systems for long-term operation

and for farther stady of prognosis and prediction of rotor life.

ACKNOWLEDGMENTS

The authors prateful ackmewledpements the support from the Ho Chi Minh University of Technology and

Education, and the cooperation with the Industrial University of Hochi Minh City.

!-\.i

bl

REFERENCES

I M Vance, Rotordinamics of turbomachinery, JTobn Wiley & Sons, 1088,
M. 5. Darlow, Balancing gf" High Spesd Machinery, Springer Verlag, WY, 1989,
B_ Trwari, Roror Syvstems: dAnalvsis and Jdenfficarion, CRC Press, 2017

B_3u L. Quand B Sun, The apnimizaiion rechmigue-based balancing af Texible rovors without rest rums, Fournal
of 5oumd and Vibration (2000) 238(5), 877-392,

Y. A Ebhulief , 4 new mevhod for fisld-balancing gf gh-gpeed flexnble rerors withour rial weights, International
Journal of Rotating Machinery, Volume 2014,

Yumnping Xn et al, dcrve magnenc bearings dimamic paramerers idennficanion from experimenral roror
wmbalance responze, Mechanical Systems and Sizmal Processing, 2014

Shachar Tresser, Dhnamic balancing af snper-crinical rofanng struciures using slow-spesd data via parameric
ercifanion, Jounal of Sound and Vibration, 11/2017.

Guangfn Bin, Development af whale-maching high spead balance approach for turbomachinery shaft ztem with
N+ suppors, Measurement, 2018

Tran Thanh Lam; Research, Mamfacnere, experiment on flaxible rotor modal; Journal of Technical Education
Science, Vil 58, 2020

O70003-10

28



100 ISO 1143:2010, Merallic maverials — Roraring bar bemding fangue recring, Intermational Cresmization for
Standardization.

11 ISO 1940/1 - 2013, Baelance Oualiny Reguirements qf Rigid Rovors, International Orpanizaton for
Standardization,

12, hetpsiifvrwow erbessd-instruments. com

070003-11

29



Research artcle

Strangth. Fracturs ard Complessy
17

& The Authoriz) 1005
Ardcle rens padshee:

Col: NRIITTIIEST 06525 | 334474
rumshasgepu comhomeldic

S Sage | 4% 108 Press

Effect of unbalanced parameters on the
fatigue behavior of transmission shaft
in gearbox

Thanh Lam Tran' (', Vinh Phoi Mguyen? (", Chi Cuong Le' and Thien Mgon Dang'

Abstract

The rotaring shafes in gearboxes operate at various speeds and loads, which can lead o fatigee failure. One of the fun-
damentl causes of damage is vibration due o unbalance, misalignment, ar non-uniformity during rotation, which have a
derrimental effect on fatigue strength. In chis soudy, the influence of unbalance parameters an the high cyele fatigue behay-
ior of AISI 1045 steel drive shafts was investigated. A completely new fatigue testing equipment i3 proposed and fully fab-
ricated o mamine the factors such as eccentricity due to test mass assignment, operating speed and loading radius
affecting fatgue strength of AlS| 1045 steel The results show that the fBrigue strength aof the unbalanced specimen s

lovwwver than that of the pure bending specimen.

Keywords

Fatigue, unbalance, rotatngiransmission shaft, dynamic stress, eccentricicy

Feotived: ¥ [aremry 2005; accepred: 28 March 2005

Introduction

Rotating shafts are essential components of machines, oper-
ating under applied loads with periodically bending and toe-
sional stresses. Among several factors contnbuting to shafi
failure, vibration is a primary cause. It can induce fatigue,
fractures, and tribological issues within the shaft cormpo-
nents. Rubio et al.' reponied that applied loads combined
with frequent mass unbalances, which is ome of the most
common sources of shaft vibrations, can initiate and propa-
gate fatigue cracks. Mobarak et al.? indicated that a fatigue
crack typically generates on a rotating shafi due to applied
loads, worsional stresses, and lateral vibrations caused by
rotational mass unbalance. They numernically investigated
the breathing mechanism of a transverse crack in a
two-dise rotor wsing a three-dimensional finite element
model, considering the combined effects of unbalance
force and rotor weighi. Their findings revealed that crack
breathing is highly influenced by various factors, including
the axial and angular positions of the crack, the crack depth
ratio, the unbalance force ratio, and the angular position of
the unbalance force. Mobarak et al? developed an unba-
lamced shaft model 1o smdy the effect of crack location on
the breathing behavior of fatigue cracks under an unba-
lanced force. Yongyao et al* investigated the fatigue of a
piston rod in a Kaplan mrbine, caused by unsteady,

unbalanced, and unsynchronized blade torgues. They con-
cluded that the fractured sections of the piston rod exhibited
characteristics of fatigue failore cansed by periodically
aliemating loads. The most Llikely cause was the unsteady
pressure loads acting on the blades. Daging et al® repaorted
that shaft fatigue occurred due 1o an unbalance between
bending and torsional smesses at the junction of the
reinforced-welded elbow.

Wiu and Yang® indicated that nonlinear vibration behav-
ior and fatigue crack propagation are significanly influ-
enced by multiple parameters, incloding rotation speed,
unbalance eccentricity, orientation angle, and damping.
Radgobchin and Anbarsooz’ also reponted fatigue is the
most common  failore mode in cenirifogal impellers,
caused by high-frequency unbalanced operation, installa-
tion ermofs, of vanations in COMpressor  operating
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Figure |. Two — dsk model of transmission shafe.
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Figure 1. Dimensions of a rotating bending specimen.

conditions. Jiregna et al® sisied thai due fo roisiing
bending, fatigue cracks initiate on the surface, particularly
when prominent journals become misaligned or unbalanced
because of the counterweight effect. Therefore, the unba-
lanced pararmeter has a significant impact on fatigoe failure.

In this sudy, the influence of unbalanced factors, includ-
ing irial mass, operating speed. and load radios on the
fatigue behavior of an AISI 1045 steel shaft under rotating
bending conditions are investigated. A fatigue curve for a
rotating shaft made of AISI 1045 swel. sobjected o an
eccentric force F, and a cyclic excitation force F_, was
developed based on experimental data

Experimental details
The proposed model

To evaluate the influence of parameters causing ecceniricity
on fatigne strength, a typical model of ransmission shafi in
gearbox with two disks as shown in Figure | are proposed,
consisting of muliple shafis and gears, which gemerate
noise amnd vibration during high-speed operation. This
isane stems from the eccentricity ¢ and imbalance of

Table I. Chemical compasitions (wt.%) of AISI 1045 steel

L 3i Mn F 5 Cr Mo i

0428 0245 D&44  DDIS OOO4  03&1  O0O3  DOI4

rotating components. Prolonged operation under these con-
ditions can result in wear and, evenually, failore due 1w
fatigue damage. Fp my, rp Fa woia rp are the combined
forces, trial masses, and load positions of gears | and
gear 2w is the angular velocity.

The combined forces F, F acting on the rotating shaft
includes the centrifugal force F and the external excitation
force F in a perodic. The centrifugal force F is formed
by set the tral mass moat the radivs r on disk i2Fe =
mirtar? and the external excitation force F is controlled by
the electromagnet as shown in Figure 3.

Specimens

The material of the specimens adopted in this investigation
is an AISI 1045 steel. The chemical composition (wi.%) of
AISI 10435 steel was shown in Table 1. In general, the
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Figure 3. Schematic diagram of fatigue testing machine.
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Figure 5. The motional orbit of the center point O ar 870 rpm and 1200 rpm.

Table 1. Unbalanced foroes due to difference speeds.

m r n F, F,
Mo (g} [mam]} {rpm} M} M)
Paint I k1/] 50 1200 237 1]
Paint 2 in 50 1100 199 1]
Paint 3 o 50 1o 164 1]
Paint 4 k1i] 50 00 133 1]
Faint 3 in 50 B70 124 1]

hot-rolled steel exhibits anisotropy in its microstructure,
texture, and mechanical properties. To eliminsie the
strong texture and achieve a homogenous and isotropy
microstructure, the stieel was annealed at 950°C for
15 min. The subsequent step was followed by two add-
iional annealing processes at B40°C and 760°C 1o
improve grain uniformity further®

The mechanical properties of AISI 1045 steel were
assessed according o the 150 6E92-1: 2009 iensile
testing standard. On average, the tensile sirength and
vield sirength were 706 MPa and 426 MPa, respectively.
Figure 2 is the dimensions of specimens according to 150
11432010 standard wsed for four-point bending fatigue
testing. '™ Afier the final preparation, the specimens were
fabricated according to the dimensions shown in Figure 2,
achieving a surface roughness R, of approximately
0.32 prm.

Fatigue test

A novel four-point bending type fatigue testing machine has
been newly designed and manufactored o siudy the fatigue
charactenstics of onbalanced rotating shafis. Figore 3
shows the schematic diagram of the new fatigue testing
machine. Figure 4 is a photograph of the machine. The
rotating speed of the spindle can be o SO0 rpm and con-
trolled continuously variable transmission by using an
inverter. The applied the load onto the discs | and 2 are pro-
duced and controlled by wsing ebectromagnetics 1 and 2,
respectively. The applied force (stress) is online measured
by loadcell during the experiment. The encoder counts the
number of cycles until failure or mnout. The fatigoe
sirength is determined when the specimen fractures or 107
cycles are completed. Fractore of specimens is defined as
the test machine stopping in broken specimens or the
number of cycles above a preset level (=107 eyeles)

Results and discussions
Displacerment and orbit

Unbalance parameters and unbalanced forces are shown in
Table 2. The results indicate that the unbalanced force
increases from 124 N o 237 N as the shaft's rotational
speed increases from £70 w0 1200 rpm. The electromagnetic
force remains constant regardless of speed. Figure 5 shows
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(a) (b)

Figure 6. Specimens for fatigue experiments. (a) Origimal specimen (b) Fractured specimen.
Table 3. Experimental results data of AISI 1045 steel

o, =286 a, =254 ay,=228 o,=198

(MPa) (MPa) (MPa} (MPa) o= 190 (MPa)

Cycles Cydes Cydes Cycles Cycles
Specimen (2N, 10%) (N 10%) (2N,10% (2N.109 (@N,107)
1 241460 651057 3913211 6.885019 Run cut
2 263141 7.15121 3.151293 5.540163 Run cut
3 229678 611198 3510518 4.800227 Run out

300
¥ e » Experiment

250

Stress Amplitude (MPa)
S

150

» Roesdd

[ (L

Cycles

Figure 7. S-N curves for AISI 1045 steel and Roesel’s fatigue curves.

the motional orbits of center point O at various speeds n
from 870 rpm to 1200 rpm.

The results indicate that increasing rotational speeds
cause to larger shaft displacements. The motion orbit of
the rotor conforms appropriately to the rules based on the
influence parameters. The shaft orbit further indicates that
imbalance increases with rising speed. In addition, the
orbit motion is larger with the increasing load. This can
be explained by the appearance and propagation of

fatigue cracks, which amplify the influence of unbalanced
forces on the shaft.

Fatigue experiment

The fatigue tests were carmed out on annealed specimens
under five values of load, from 190 MPa to 286 MPa. The
fractured position is visible in the reduced section of each spe-
cimen. indicating that material failure cccurred at the center of
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Table 4. Basguin law's parameters of AISI 1045 steed under
unbalanced forces.

SaM curve o’y b
Roesle 947 =009
Experiment 1080 —oio7

the specimens. Figure 6{a) shows a photograph of a specimen.
Figure &b} shows the photographs of a fractored specimen.
The experimental results are shown in Table 3.

Figure 7 compares the stress amplitode — fatigue life
curves (S-N curves) of AISIH 1045 steel, determined from
experiment and from the pure bending fatigue life of
Roesels model. A simplified Basquin exponential function,
such as in equation (1), was used to characterize the fatigue
curves. " The coefficients of equation (1) were determined
from the experimental data and reported in Table 4.

&, = ap 2N i1y

The experimental fatigue life for AISI 1045 sieed is com-
pared with the pure bending fatigue life of Roesel's
model. ' The results are also shown in Figure 7. The resulis
shows that shafi imbalance greatly affects fatigue resistance.
The larger the unbalanced force, the lower the fatigue
sirength. Therefore, factors cansing imbalance need o be con-
trodbed in the diesign and manufaciore of machine pars.

Compared 1o Roesel's model, which was conducted
under the same conditions in pure bending, the results indi-
cate that unbalanced parameters affecting the rotating shafi
lead to a decrease in fatigwe strength compared o the pune
bending rotation specirmen.

Conclusions
The following conclusions are made:

{a) A new testing machine for researching fatigue
strength of the unbalanced drive shafis has been
developed. A movel driver alignment tool was
also designed to evaluate these unbalanced effects.
The fatigue experimental results indicated that the
fatigue limit and fatigue strength of the sample
decrease wnder the influence of unbalanced
factors; including trial mass, operating speed, and
load radius; compared to the pure bending rotating
shafi.,

Further research to investigate on the effects of
varipus parameters on the fatigoe life of rotating
shafts under different operating conditions such as
high temperature, high speeds or multi-phase mate-
rials should be done.

(b}

leh

MNomenclature

Fu Usbalaneed faree (M)

Fa Cyelic wnsitation foree (84)

m Mass (g}

v Laad rafiu (mm)

n ]

@ Anguler veloeity [radis)

a, Sariris amvplitude {MPs)
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Abstract

This study introduces an enhanced numerical approach for analyzing the dynamic
behavior of a rotor-bearing system subjected to unbalanced excitation from a gearbox drive
shaft. The Newmark-B method with the integration of a variable time-step algorithm was used,
allowing the system to be solved rapidly and accurately without compromising stability. This
technique enables a precise computation of displacement and torsional deformation of the
rotating shaft during its operational cycle. The proposed computational model is validated
against experimental data, showing deviations of displacement in normal operation below the
critical speed of about 6%. A comprehensive parametric analysis is conducted to evaluate the
influence of rotational speed, trial mass, and initial phase angle on the system dynamics. The
findings confirm that our enhanced numerical approach yields rapid convergence and reliable

predictions, making it a valuable tool for dynamic analysis of rotating systems.

Keywords: Transmission shaft; unbalanced excitation; phase angle; Newmark-f method,;

dynamic modelling; rotor-bearing system.
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1. Introduction

The drive shafts in gearboxes are common components with variety of applications in
industries, operating at various speeds and load types. Among many factors causing failure of
shafts, vibration due to unbalance is a major cause. Single and coupled vibration modes,
including torsional, longitudinal and transverse vibrations induce fatigue, fracture and
tribological issues on the rotating shaft components [1-3]. These vibrations result in
displacement, performance of gear transmission, wear and cracks [4-6].

Many studies have been carried out on dynamic aspects of the of rotor systems. The
modelling of the rotor systems often uses the Jeffcott rotor model having a massless axis and a
mass disk placed in the middle of the shaft. Modern analytical methods have been utilized to
provide a foundational understanding of rotor dynamics and to conduct simple model
experiments [7, 8]. In addition, Yuan et al. [9] and Hong et al. [10] studied a rotor system with
a dynamic model, in which a disc is placed in the middle of a massless elastic rotating shatft.
The equations of motion are obtained to Lagrangian dynamics for transverse - torsional
vibrations. Han and colleagues [11] derived the equation of motion by assuming that the diesel
engine drive system can be approached as a simple rotor model such as the Jeffcott rotor. A
modified version of this rotor model was also used for analysing the coupled torsional—
transverse vibrations of a propeller shaft resulting from misalignment induced by shaft rotation
[12]. Besides, Das et al. [13] modelled a flexible rotating shaft system subject to bending and
torsion coupled with the shaft and disk moving away from the center point of the shaft. In these
studies, it is evident that shaft displacement caused by vibration is a complex problem.
Therefore, it is necessary to investigate the shaft's displacement in detail due to unbalance, using
a new approach and model in the study of rotor dynamics.

The Newmark-f3 method, that is a widely used numerical integration technique in finite
element analysis, is particularly effective for simulating dynamic systems. A study by Kong et
al. used this method to analyze the dynamic characteristics of spur and helical gear systems
[14], while a subsequent study focused on the influence of housing flexibility on gear
transmission dynamics [15]. Ma and colleagues applied an improved Newmark-f3 method to
determine nonlinear dynamics and reduce crankshaft torsional vibration [16]. An enhanced
version of the method was proposed for long-term simulations [17], offering improved
convergence in evaluating the effects of nonlinearities on engine crankshaft torsional behavior.
Collectively, these studies confirm that the Newmark-3 method is a suitable and reliable tool

for addressing time-varying oscillation problems.
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In general, the current studies lack experimental evidence to support the theoretical
computation. This study represents a computational dynamic model for a rotor-bearing system
under unbalanced excitation, using the Newmark-p method with a variable time-step algorithm
to determine the unbalance amount and shaft displacement. Various key experimental
parameters, including rotational speed, trial mass, and initial phase angle, are put into account.
The displacement and the amount of unbalance, determined from experiment, are compared
with the numerically computational values to verify the validity of the computational model
and thus to evaluate their effects on system dynamics. The motional orbit, representing shaft
displacement, is also determined to evaluate the influence of the unbalance on the deflection of
the shaft. This will allow to predict the fatigue strength, thus to accurately predict performance

during operation.

2.  Dynamic Model of the Rotor System
2.1. The Proposed Model

This issue arises from the eccentricity and imbalance of rotating components. If the gearbox
operates under long-term conditions, it may lead to wear and eventual failure due to fatigue
fracture. Fig 1 shows a shaft assembly in the gearbox of a lathing machine, comprising the drive
shaft 3, bearings 1 and 5, and gears 2 and 4. Fig 2 represents the schematic diagram of a

generalized model comprising a shaft and various assembled disks.

Fig 1. Gear shaft assembly in the lathe gearbox.
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Fig 2. Schematic diagram of the rotor—bearing system.

2.2. Parameters of the Model

The proposed model of transmission shaft with two disks is shown in Fig. 3. The
specimens for evaluating the fatigue strength of metallic materials were used, according to ISO
1143:2010. This specimen type is also well-suited for evaluating location to failure [18]. Seven
nodes, from node 1 to node 7, on the rotating shaft are selected to be investigated. Nodes 1 and
7 are the bearing positions. Nodes 2 and 6 are the disk placements and nodes 3 and 5 correspond
to the positions with the maximum cross-section on the shaft. Node 4 has the smallest cross-

section, where the fracture occurs.
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a) Shaft element model with two disks b) Cross-section showing eccentric
mass location

Fig 3. Forces and unbalance positions of rotor-bearing system with eccentric masses

The displacement vector g; for the shaft nodes i (i =1to 7) is:

q; =[xy, ai]” (1)

where the displacements xi and y; along the X- and Y-axes and torsional angle «; at the
investigated positions are

— T. _ T
X = [x1'x21x31x4'x5'x61x7] Vi = [y1;y2,y3; y4'y5ﬂy6'y7]

— T
a; = [alﬂ Uy, A3, Ay, As, Ag, 057]
{xi = Xp OT X; = Xy + €mCOSP; Vi = Y OT Vi = Y + € COSPpy ¢

n=13,57; m=2,46

Since the loads are applied onto the gears at nodes 2 and 6, the rotation angle on the shaft
segment between nodes 2 and 6 are thoroughly investigated. The torsional angles at nodes 3
and 5 are assumed to be small and negligible (a3 = as = 0). Thus, the torsional angles at nodes
2,4, and 6 are a; = [a,, ay, ag]T where i = 2, 4, 6. The governing equation for the rotation

angle is given as:
0i(t) = a; + w;t + @y, (2)

where @;(t) is the total rotation angle at node i as time t; @, is the initial phase angle at node i;

a; is the torsional angle at node i; w; is the angular velocity at node i (i = 2, 4, 6). The kinetic

energy of the system is represented as:

42



T =T+ T, =5 7T IMIG + 5 0V MDY + 5 {0} UH{0) ®)

where Tt is translational Kinetic energy; T is rotational kinetic energy; {x}, {y} are the vectors
of translational velocities in the X and Y directions; {@} is the vector of angular velocities of
the components; [M,] is the mass matrix corresponding to the system from node 1 to node 7;
[J.] is the static moments of inertia concerning the study nodes 2, 4, 6. The elastic potential

energy of the system is:
= LT IK 0 + S YT [K ) + 5 (T [K D) (4)

where [Ky] and [Ky] are respectively the stiffness matrices corresponding to translational
stiffness in the X- and Y-axes, [K¢ is the torsional stiffness matrix related to angular
displacements. According to Fig. 3, an examination of the shaft segment from node 2 to node
6 represented by Iz to ls was performed. Figure 4 shows the spring modeling of the shaft

segment.

Fig 4. Modelling of the study shaft segment from nodes 2, 4 and 6.

In the torsional shaft problem, x2, x4, and xe are equated to the torsional angles a2, as and as of
the shaft at nodes 2, 4 and 6, respectively. From the modelling of the shaft segment in Fig. 4,

the elastic potential energy is written as:

1 1 1
V= Ektzag + Ekt4(“2 - a4)2 + Ektﬁ(azl- - a6)2 (5)

The dissipated energy of the system is given by:
D = ~[X]T[C 14} + 5 DTG, 3 +5 [a]T[Ce (e (6)

where D is the total energy dissipated due to damping in the system; [Cy], [Cy], and [Ci] are
respectively the damping matrices corresponding to translational damping in the X, Y directions

and axial torsional damping. The dissipated energy due to damping is written as:
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1, . 1 o 1 C
b= ECtzazz 5 Ce, (b2 = @4)* + 5 C (dy — d6)* (7)

where C,, C;,and C,, are the torsional damping at nodes 2, 4, and 6. The Lagrange's equations
of the second kind can be written in terms of the system as follows [19]:
L=T-V (8)

d(@T) 6T+6D+6V_F
dat\o{q;}) d{q:;} o{q} o{qs} '
where T is the total kinetic energy, V is the total potential energy of the system; F; = F,, +
F,,; F4, is force due to the mass of the node; F,, is centrifugal force due to unbalance. The

differential equation of motion for the rotor at this time is:

[M1{g} + [C1{q} + [KNq} = {F} = {F, } + {R.} ©)

where [M]47.17 IS the mass matrix of the system; [C]{7,17 IS damping matriX; [K]17,17 IS @
stiffness matrix. The displacement vector {q};7,4 includes the displacements in the X-direction,

Y-direction, as well as angular rotation, {F;};7,4 iS excitation force vector:
{F, } [0000000m,;gm,g mgg mygmsg mgg m,g 000 ]

(.} =[0F,,0F,, 0F, 00F, 0F OF

V2 Uyy uye uaz ua4 uae]

(10)

By solving equation (10) for i = 2, 4, 6; we obtain:

Fu = miei(gbiZCOS B; + (,biSin i)

x
E, =me;(¢?sinB; — ¢; cos ;)
uyi [ gol =1 (pl =1
Fuai = m;e;(X;sin B; — y;cos B;)

2.3. Solution Method
Using the Newmark time-stepping analysis method to solve Equation (9), the following
variables and matrices are involved: {q;},{q;}, [M],[C], [K], {Fg}, {F,},At, t;,y,B

Take the derivation of Equation (9), we have:
(G} = M7 (=[C1a:} — [Kla} + {F} + {E3) (11)
where { g;+1 = q; + Atg; + G - 3) At?G; + AL Gy Qivr = i + (1 — Y)ALG; +

YAtGip1 MGiv1 + Cqipq + KQiv1 = Fiyaq (12)
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Transforming Eq. (12), we obtain:
[M + CyAt + KBAt)Gisy = Fion — Cla; + (1= YIBEG] — K [q; + Aeg ++ (5 —
B) At (13)
Equation (13) can be generalized as:
[K i1} = {Fis4) (14)
where [K] is the effective stiffness matrix, determined as:
[K] = [M + CyAt + KBAt?] (15)

{Fi11} is the effective force vector, determined as:

~

Foan = Fiua = C| [ + (1 = )] = K [q; + B + (£ - B) A% | (16)

In this study, the implicit Newmark— method was employed, since it does not require

adherence to the time step condition as At < 2 = % = 0.006s. The parameters y and 8

Wmax

were adjusted during the time-stepping loop and setto y = % and f = i A constant time step

of At = 0.01s was selected for the simulations to ensure stability and computational efficiency
[20]. Figure 5 shows the algorithm flowchart, used for computing the displacement q;, the

velocity g;, and the acceleration g;.
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Input the boundary and initial conditions gyva gy,
number of time steps, size of time step,
acceleration parameter At, y, S

Calculate the initial acceleration

Go = (M} ({Fo} — [K1{qo})

For i =1 to the total number of time steps

Solve equation (12) for g;, 4, or solving the
equation [R](Gi1} = {Fisn)

Solve equation (13) and (14) for q;,4
and Gi+1

No

Converge?

Output displacement g; , velocity g;,
acceleration ; at time step i

End

Fig 5. A flowchart for dynamic response of the rotor system.
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3. Experimental Procedure

An AISI 1045 steel transmission shaft as shown in Fig 3 with the unbalances mz and me was
prepared to investigate the behavior of nodes 1 to 7 during rotational operation. Table 1 shows

the geometry dimensions and mechanical properties of the shaft [21-23].

Table 1. Symbols, parameters, and unit of power transmission shaft system

No. Parameters Symbols Unit Value
1 Shaft length L m 0.256
2 Section lengths lh=1lg m 0.008
3 Section lengths =1 m 0.045
4 Section lengths I5=1s m 0.040
5 Section lengths li=1s m 0.035
6 Shaft diameter shaft m 0.012
7 Disk diameter Daisk m 0.1
8 Disk thickness B m 0.02
9 Initial phase angle of disk 1 Do, rad 0
10 Initial phase angle of disk 2 Do, rad 0
11 Unbalance eccentricity at node 2 €2 m 4.7x103
12 Unbalance eccentricity at node 6 €6 m 4.7x103
13 Stiffness of rotor Kr N/m 7x10’
14 Stiffness of bearing Ko N/m 7.2x10°
15 Stiffness of torsional shaft Kt Nm/rad 1x10°
16 Damping of bearing C N.m/s 20
17 Friction coefficient 0.1
18 Poisson’s ratio ) 0.3
19 Density P kg/m? 7.8x10°
20 Shaft mass Mshatt g 285
21 Disk mass Maisk g 200
22 Rotor mass m g 685
23 Masses of nodes 1 and 7 mi =my g 15
24 Masses of nodes 2 and 6 m2 = Mg g 35
25 Masses of nodes 3 and 5 M3 = Ms g 80
26 Mass of node 4 M4 g 25
27 Gravitational acceleration g m/s? 9.81
28 Moment of inertia lp m* 1.2x107
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29 Young's modulus E N/m? 2.1x10%
30 Torsional modulus G N/m? 7.7x10%°
31 Damping of torsional shaft of Ns/rad 0

32 Angular velocity ®3 rad/s 209

Fig. 6 shows the vibration testing machine, designed and fabricated for study the vibration
behavior of the rotating shaft. The shaft was driven by an AC motor and an encoder was
attached to the motor spindle to record the actual speed of the rotating shaft. A laser sensor
measured the displacement of the rotor. The accelerometer and processor recorded the amount
and positions of unbalance on the rotor. The operating tests were performed in controlled

modes.

b) Measurement setup of the rotating shaft

a) Model 3D

1. Machine Pedestal — 2. Optical Sensor — 3. Acceleration Sensor — 4. Rotating shaft - 5. Motor — 6.
Encoder —7. Measurement sensor LK-G35 — 8. DAQ — 9. Personal Computer

Fig 6. A vibration testing machine of rotating shaft.
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4. Results and Discussions

4.1. The Effect of Rotational Speed on Shaft Displacement

In Fig. 7, the rotor oscillates when operated arround the first critical speed (mode 1). Under
the effect of centrifugal force, the shaft is deflected and the shaft center will oscillate with

displacement at position 4 with amplitude Ymax.

Fig 7. A schematic plot of a rotor operating at the first critical speed (mode 1).

Neglecting the damping coefficient C, the first critical speed of the system can be

determined according to [24] using the following expression:

K, 7 x 107
W, = = ces - 319 rad/s

In this case, the critical speed is:

_60*w; 60%*319
=% 2+3.14

= 3047 rpm

To ensure the stability of the rotor in the model and corresponding to the actual working
speeds of the equipment, the experimental speed ranges of the rotor were selected as follows:
n1 =800 rpm, n2 = 1500 rpm and nz = 2000 rpm, in which nz is selected to be less than 70% of
critical speed of 2132 rpm [25]. Figure 8 shows the displacement of node 4 in the X direction
at speed of n3 = 2000 rpm, determined from the experiment and the Newmark—3 numerical
simulation. Generally, the amplitude measured from the experiment is larger than those using
Newmark—f numerical computation because various factors in the manufacturing process may

affect the unbalanced conditions.
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Fig 8. Displacement of node 4 along X-axis at 2000 rpm.

Table 2 compares the X and Y displacement of node 4, determined from the Newmark-f3
method and from the experiment. The displacement determined experimentally is higher than
those determined from the theoretical simulation because the actual stiffness of shaft and
bearing is not uniform and due to the inaccuracy and clearance between shaft and bearing. For
the eperation below the first critical speed, the vibrations remain stable, with displacement
amplitudes of X =+ 0.046 and Y = £ 0.081. The relative error of displacement in the X- and
Y-axes for speeds of 2000 rpm is 6% and 12%, respectively. As the rotor reaches the first
critical speed of 3000 rpm, the vibrational amplitude significantly increases, with displacements
of X=40.101 and Y=+ 0.119 mm because of the resonance effects of the rotor components.
In general, the displacement in the direction Y is higher than in the X direction because of the
gravity force of the components, acting downward, resulting in the higher vertical vibration.

The relative errors in displacements are higher by 12% and 18%.
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Table 2. Displacement in the X and Y axes at node 4

Frequency | SPeed Newmark-B method Experimental data Relative Error
(H2) (rpm) X (mm) Y (mm) X (mm) Y (mm) X Y
34 2000 +0.043 +0.071 +0.046 +0.081 |6% | 12%
51 3000 +0.085 +0.097 +0.101 +0.119 [15% | 18%

A comparison between the numerical results obtained using the Newmark—3 method

and the experimental data indicated that the displacement deviation of approximately 6%,

which is acceptable for engineering analysis and validates the accuracy of the computational

model.

4.2. The Effect of Unbalance on Shaft Displacement

In engineering, for some design circumstance or unavoidable eccentricity in the

manufacturing process, the unbalance exists and should be taken into account. The unbalance,

eccentricity, and angular position (the angle between the planes of trial masses m2 and me) will

be analyzed hereafter. The masses m2 and me were mounted at three positions 0°-180°, 0°~90°,

and 0°-0° such that the direction of mg respectively makes angular positions of 180°, 90° and 0°

to the direction of mz, as shown in Fig 9.

1

&

2

35

35

I
=

40

45

256

1. Trial mass — 2. Rotating shaft — 3. Disks

Fig 9. Dimension of experimental unbalanced specimen.
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4.2.1. Symmetrical Trial Mass (Angular Position: 0°-0° on both disks)

The structure of the unbalanced rotor is shown in Fig. 9, where the trial masses mz and ms
are in the same direction. According to the unbalance standard, the corresponding test masses

considered in the range follows as G1, G2.5, G6.3 and G16 [26]. For G1, the allowable
eccentricity e (n3 = 2000 rpm) is:

GC_1 4784102
—_= = . k
w209 m

At the minimum speed ny, the allowable test mass for G16 is calculated as follows:

k *x9.54 x G * Myt
Mrial = —— =261y

Three kinds of trial masses 10 g, 20 g, and 30 g and rotational speeds of 800, 1500 and
2000 rpm were selected to determine the unbalanced, using the commercial Erbessd -
Instruments interface, as shown in Fig 10. For the highest trial mass muia 0f 30 grams, the

unbalanced amounts are respectively 41.18 mm/s and 39.06 mm/s for two nodes 2 and 6.

— @
33
y:|
»
s

Filter 4118 mmv/S
Phase 0* ]

B

]2 X 1000

Filter 39.06 mmvsS
Phase 0*

Balance 0 20000 40000 00000 80000 100000 120000 140000 160000

Fig 10. The measurement results of balancing used to two planes at the angular position
0°9-0% Myrial = 30 grams.
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Table 3 represents the measurement results of rotor unbalance at angular position 0°—Q°
with corresponding to load values and speeds. The corresponding unbalance significantly
increases with the increase of trial mass myiar and the rotational speed n respectively. The
unbalanced amount G was highest of approximately 41.1 mm/s at n of 2000 rpm with myria Of

30 g and got lowest of 0.58 mm/s at 800 rpm and mrial 0f O g.

Table 3. Unbalance measurement results when attaching trial mass at angular position
0°-0°.

Trial mass Myial Speed Amount of unbalance G

(grams) (rpm) (mm/s)
800 0.58

0 1500 1.12
2000 1.34

800 0.9

10 1500 4.9
2000 20.5

800 11

20 1500 9.4
2000 32.8

800 2.2

30 1500 143
2000 41.1
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Fig 11 and Table 4 represent the variation in horizontal X-axis displacement at node 4 under
different operating speeds. The results clearly show the displacement amplitude increase with
the rotational speed, particularly as the rotor approaches its first critical speed. This behavior
reflects a corresponding rise in dynamic excitation, which is characteristic of resonance

phenomena in rotor-dynamic systems.

0.15 T T T T T

— "800 pm
_1500 rpm]
- 2000 1pm

r i l’ ” l“ q .“h “

01F

Wik qr*w“ 1“_;--.

T T S w
_0.05_1]i ]1 ‘n | V ll

e T

Displacement at %, (mm})
=

Displacement at %, (mm)

I I I I I I I I I
“1sg 155 160 163 170 175 180 183 190 195 200
Time (8)

Fig 11. Horizontal displacement of node 4 for myia = 20 g at various speeds.

Table 4. Displacement measurement results at node 4 for 20g trial mass.

Mirial Speed Displacement at X4
(grams) (rpm) (mm)
800 +0.055
20 1500 +0.073
2000 +0.098
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4.2.2. Asymmetrically Placed Trial Mass (angular positions 0°-90° and 0°-

180°)

By changing the initial phase angle, the results of rotor unbalance at positions 0°-90°

and 0°-180° are shown in Table 5. At a constant rotational speed of 2000 rpm, variations in the

load angular position 0°-0°, 0°-90°, and 0°-180° and trial mass m.., of 10, 20, and 30g result

in corresponding changes in the component unbalance. The experimental results indicate that

the lowest unbalance of 2.6 mm/s occurs at a trial mass of 10 grams and angular positioned at

0°-180°. This is because the centrifugal forces of m, and me canceled out. On the contrary, the

unbalance G obtained the highest value of 42.3 mm/s at the mass 30g and angular positioned

at 0°—0° because of the resonance of centrifugal forces of mzand me.

Table 5. Unbalance G and displacement at 2000 rpm for various trial masses and angular

positions.
Angular Trial mass Myial Amount of Displacement at | Displacement at
Position (grams) unbalance G (mm/s) Xa (MM) ya (mm)
Original (without
] 0 1.34 +0.046 +0.081
trial mass)
0%-0° 20.5 +0.073 +0.100
0°-90° 14.3 +0.064 +0.098
10
0°-180° 2.6 +0.050 +0.085
0%-0° 32.8 +0.098 +0.111
0°-90° 28.7 +0.079 +0.105
20
0°-180° 3.7 +0.054 +0.090
00-Q° 42.3 +0.109 +0.135
0%-90° 30 354 +0.090 +0.111
0% —180° 4.2 +0.054 +0.096
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In addition, Fig. 12 and Table 6 show a decreasing trend of displacement amplitudes by
+0.098 mm, = 0.079 mm, and + 0.054 mm as the load position shifts from 0°-0° to 0°-90° and

then to 0°-180°, respectively.

Displacement at % {trm)

— 20g {0°-07)
—20g (0°00%) ]

=200 (0°-180°)
T AT

-0.1

Displacement at -9 {mm)

-0.13 L '

— -20g {0°-07)
—20g (0°90%) ||
+ 209 (0°-1807)

AT
Ty

109 105 119

115§ 120

125 130 135 140
Time {s)

145 150

Fig 12. Horizontal displacement of node 4 under 20 g trial mass and speed of 2000 rpm,

for the different angular positions: 0°-0°, 0°-90°, and 0°-180°.

Table 6. Displacement measurement results under 20g load at 2000 rpm, with different
load angular positions: 0°-0°, 0°-90°, and 0°-180°.

Speed Angular Displacement at X4
(rpm) Position (mm)
00-Q° +0.098
2000 0°-90° +0.079
0°-180° +0.054

4.3. Motional Orbit

To evaluate the influence of the unbalanced mass position on the rotor’s motion trajectory, a

series of experiments was conducted at a rotational speed of 2000 rpm. A trial mass 30g was
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mounted on the two discs of the rotating shaft, with various combinations of phase angular
positions between the loads. Three unbalanced mass distribution cases were investigated for
three angular positions 0° — 0°, 0° — 90° and 0° — 180°. The motion orbit of the shaft center at
the speed n3 = 2000 rpm is represented in Fig. 13. The orbits for load-free rotation and the
unbalanced masses in the opposite angular directions 0°~180° obtains the smallest value, while
the orbit for angular position 0°-0° is most unstable. This is because of the cancelation or
resonance of centrifugal forces of the masses, well agreeing with the experimental
displacements in Table 5. Furthermore, the data indicate that the oscillation observed with a
trial mass of 30g for the angular position 0°-0° closely resembles the shaft behavior at its first
critical speed.

- Original I ; I :
|| ——30(0°-0°)
0.15f ——302(0°-90°)
— 30g(0°-180°)
0.1+ -
0.05- -
)
E of -
9
-0.05
0.1 -
-0.15- _
1 1 1 1 1 1
-0.15 -0.1 -0.05 0 0.05 0.1 0.15

Ox (mm)
Fig 13. Motional orbit of the shaft center at 2000 rpm for various angular positions

It can be observed that changes in the angular positions of the trial mass 0°-0°, 0°-90°, and
0°-180° strongly affect the vibration amplitude, thus the shape of the shaft center orbit and well
agrees to the expected behavior predicted based on the influence parameters. The greater amount
of unbalance and their positions concentration will generate stress accumulation and micro-

cracks, resulting in shaft failure.

57



5. Conclusions

The following conclusions are made:

a. The effects of such key parameters as rotation speed, eccentricity due to unbalanced and
initial phase angle during operation were simulated. The experimental equipment was built
and experimental results were compared with the simulated data.

b. The vibration becomes severely unstable when rotation speed approaches the critical speed,
as shown in Tables 3 and 4. The displacement amplitude significantly increases with the
amount of unbalance, as shown in Table 5.

c. The initial phase angle of the trial mass position has great influence on the vibration of the
rotating shaft, thus the fatigue bending strength and performance of the component, as
shown in Tables 5 and 6 and Fig. 13. By determining the vibration and unbalance conditions
of the shaft component, the fatigue limitation can be predicted to ensure the safety and long-
term stability of the rotor system.

d. For operation under the critical speed, the unbalance analysis using the Newmark- method
well agrees with the experimental result, as represented in Table 2, showing that the
Newmark-B method is a reliable and stable approach for analyzing the behavior of rotor-
bearing systems. This allows rapid and high computational efficiency to predict the shaft

operation with fast convergence time.
Further research may be proceeded on the following issues:

I. Unbalance analysis for double-phase and composite materials.

ii. Analysis for materials with thin films, coating layer or the surface layer with residual

stress.

iii. Unbalance analysis in high temperature conditions.

Supporting information: Experimental data for Figures 8, 11, 12, and 13.
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